
UNCLASSIFIED

AD 273859

ARMED SERVICES TECHNICAL INFORAON AGENCY
ARLINGTON HALL STATION
ARLINGM 12, VIRGINIA

UNCLASSIFIED



NOTICE: When government or other drawings, speci-
fications or other data are used for any purpose
other than in connection with a definitely related
government procurent operation, the U. S.
Government thereby incurs no responsibility, nor any
obligation whatsoever; and the fact that the Govern-
ment may have formulated, furnished, or in any way
supplied the said drawings, specifications, or other
data is not to be regarded by implication or other-
wise as in any manner licensing the holder or any
other person or corporation, or conveying any rights
or permission to ianufacture, use or sell any
patented invention that my in any way be related
thereto.



2738B59

SPACE POWER OPERATION

" QUARTERLY REPORT NO.

For Period Ending February 9, 1962

ti.

z VISCOSITY BEARING STABILITY INVESTIGATION

For

, = : V5 THE NATIONAL AERONAUTICS AND'
00 Z SPACE ADMINISTRATION

z z

FLIGHT PROPULSION LABORATORY BEPAITMEPSIA

GENERAL.@ ELECTRIC



SPACE POWER OPERATION

FIRST QUARTERLY PROJECT STATUS REPORT

FEBRUARY 9 , 19 6 2

LOW VISCOSITY BEARING STABILITY INVESTIGATION

NATIONAL AERONAUTICS AND SPACE ADMINISTRATION

GENERAL ENGINEERING LABORATORY

AND

FLIGHT PROPULSION LABORATORY DEPARTMENT

GENERAL ELECTRIC COMPANY

CINCINNATI 15, OHIO



TABLE OF CONTENTS

Page No.

I. SUMMARY 1

II. INTRODUCTION 3

A. Origin of Investigation 3

B. Plan of Investigation 3

C. Test Rig Design 5
1. Design Requirements 5
2. The Test Rig 6

II. STATUS OF INVESTIGATION 10

A. Bearing Analysis 10

B. Design Improvements 12

IV. TECHNICAL DISCUSSION 15

A. Bearing Instabilities 15
1. Half-Frequency Whirl 15
2. Synchronous Whirl 16
3. Resonant Whip 16

B. Analysis of Configurations 17
1. Two Groove Cylindrical Bearing 18
2. Preloaded Cylindrical Bearing

'Nut Cracker) 19
3. Three Lobe Bearing 21
4. Orthongonally Displaced Elliptical

Bearing 22
5. Pivoted Pad Bearing 23
6. Compound Cylindrical Bearing 24
7. Rayleigh Step Bearing 24

C. Mechanical Design of Test Rig Components 25
1. Selection of Bearing Clearances
2. Power Requirements of Test Rig 26
3. Quill Shaft Design 31
4. Natural Frequency of the Shaft-Bearing

System 32



TABLE OF CONTENTS 'continued)

Page No0

D. Experimental Investigation of Capacitance
Gauges 38

1. Calibration With and Without Air Flow 38
2. Air Flow Protection Against Moisture 39

V. NOMENCLATURE 40

VI. REFERENCES 41

FIGURES

DISTRIBUTION LIST



LIST OF FIGURES

Figure Page

1. Isometric View of Bearing Stability Test Rig. 42

2. Variation of Resultant Centrifugal Eccenter Force. 43

3. Bearing Strength and Rotating Bearing Load as a Function 44

of Shaft Speed

4. Overall Layout of Bearing Stability Test Rig Shaft 45

Diameter d = 1.25 inch.

5. Clearance Selection for Test Bearings. 46

6. Transition Speed from Laminar to Turbulent Bearing 47

Operation.

7. Power Coefficient K for Journal Bearings as a Function 48
of Reynolds Number.p

8. Power Consumption of Test Section as a Function of 49
Shaft Speed.

9. Bearing Losses/Bearing as a Function of Bearing Diameter. 50

10. Power Requirements of Bearing Stability Test Rig. 51

11. Power Requirements of Bearing Stability Test Rig. 52

12. Angular Deflection of Quill Shafts as a Function of 53

Transmitted Torque.

13. Torque as a Function of Power. 54

14. Quill Shaft Stresses as a Function of Quill Shaft 55

Diameter.

15. Quill Shaft Stresses as a Function of Angular Deflection. 56

16. Quill Shaft Stresses as A Function of Angular Deflection. 57

17. Critical Shaft Speed as a Function of Shaft Diameter. 58

18. Ratio Natural Frequency of Hollow Shaft as a Function 37
Natural Frequency of Solid Shaft

of Diameter Ratio.

19. Power Requirements for Acceleration of Test Rig Shafts. 59

-iii-



I. SUMMARY

Bearing stability is one of the basic problems associated with high

speed turbomachinery. It has become of even greater importance in space

power systems presently under development by the requirement for long

term unattended operation under zero g conditions of space flight, and

low viscosity lubricants such as potassium at 12000F.

The present program has beenevised in answer to NASA P.R. G.S. 3526

of May 22, 1961. It consists of a combined analytical and experimental

efforAto sel ct and develop bearing configurations which promise stable

operation up to the high speeds typical of space turbomachinery 35,000 rpm'. ,

Main emphasis is placed on experimental investigations and evaluation.

The experimental tool nood is an especially designed high speed test rig,

precision made for interchangeability of a large variety of bearing

configurations and rotors. It is equipped with the most refined instrumen-

tation to record rotor and bearing motions, as well as other parameters

affecting bearing operation. The testing will be carried out at close to

room temperature with lubricants which simulate the low viscosity and

lubricity of liquid metals at operating temperatures.

\*-The experimental program will be supplemented by analytical studies

necessary to select the most promising bearing configurations, and to

reduce test results to dimensionless parameters, permitting generalization

of the information obtained.



It is anticipated that optimum bearing configurations meeting the

conditions of stable, whirl free operation will be identified during the

program.

The program is being carried out jointly by the Bearing and Lubricant

Center of the General Engineering Laboratory in Schenectady, New York,

and the Space Power Operation of F.P.L.D. in Cincinnati, Ohio. It thereby

combines the most advanced analytical and experimental know-how in the

field of high speed bearing development with extensive space power

components, systems and development activities.

Using the bearing stiffness as a first approximative stability

criterion analysis of different bearing types continued, to determine

zero load radial bearing stiffnesses. The load carrying capacity at a

minimum film thickness of 0.0005 inch of the bearing types considered has

also been calculated.

Detailed design analysis of several test rig components has been

completed. Considerable efforts have been spent to determine the natural

frequencies of various shaft-bearing systems. Based on the results, a 1.25

inch diameter test shaft has been selected. The overall layout of the test

rig has been completed and detailing of test rig components has been started.

Capacitance gauges have been checked out under simulated operating

conditions including water and air.
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II. INTRODUCTION

A, ORIGIN OF INVESTIGATION

The present trend toward higher operating speeds of rotating

equipment has increased the need for knowledge of the dynamic behavior

of such precision systems. It has been well recognized that bearings

have a major influence upon the dynamic response of rotors. Fluid film

instabilities or rotor vibrations arising from bearing phenomena may

well provide major obstacles to achieving optimum rotor speeds and the

compactness and low weight desired for many applications. It is the

purpose of this program, therefore, to identify by analysis and experiment 1

bearing configurations which promise the most stable shaft rotation when

using liquid metals as bearing lubricants. Other considerations such as

power loss, simplicity of manufacture and assembly, minimum film thickness

will be evaluated in assessing the relative merits of the different bearing

types. The program will therefore contribute to the establishment of

design criteria for potassium lubricated bearings for operation at lubricant

temperatures in the range of 800 to 1300'F and rotational speeds approaching

35,000 rpm.

B. PLAN OF INVESTIGATION

The main emphasis is placed on experimental investigation and evaluation.

Analysis, however, will be employed as a guide to selecting the most

promising bearing configurations and to correlating, interpreting and

generalizing the test results obtained.
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The overall program is divided into two phases. In Phase I,

approximately eleven different bearing configurations are to be studied

analytically and approximately nine selected for experimental evaluation.

Simultaneously, a test facility is to be designed and manufactured for

conducting such tests. The test facil 4 ty permits control and measurement

of the following important variables over the approximate ranges

specified:

1. Shaft speed - 0 to 35,000 rpm,

2. Bearing load - Unidirectional 0 200 lbs.

Rotating 0 to maximum level as governed by maximum
attainable speed, or by bearing load
capacity.

3. Inlet lubricant pressure - 3 to 30 psi.

4. Inlet lubricant temperature 100 to 160°F.

5. Clearances/inch diameter - 0.0016 to 0.004.

6. Bearing Length/diameter ratio 0.75 to 1.5.

7. Shaft diameter - 1-1/4 inch.

All tests in Phase I will be conducted with distilled water as a

lubricant. The stability behavior of the rotating shaft under the test

conditions ii to be measured with specially designed, non-contacting

capacitance gauges.

In the analysis portion of the work conducted in Phase I, the major

areas of investigations were defined in our proposal as:

1. Threshold speed of half frequency whirl.

2. Amplitudes of synchronous whirl.

3o Rigid body critical speeds and amplitudes of vibrations.

4. Maximum film thickness and required lubricant flow.
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Thus, in Phase I the anticipated behavior of a large number of

different anti-whirl bearing configurations will be compared with

experimental fact, This will indicate the extent to which the existing,

simplified criteria of bearing stability is adequate; it will also

provide the necessary confirmation for choosing the most promising bearing

types for optimizing anti-whirl characteristics in Phase II.

In Phase II of this investigation, the three beating configurations

which demonstrate the most promising ability to suppress shaft whirl will

be selected for further testing. A more detailed and refined analytical

investigation will be made of the parameters that control shaft whirl, load

carrying ability, friction torque and lubricant flow. The principal test

lubricant in Phase II also will be distilled water. To verify the general

validity of the information obtained, however, certain test points will

be selected for testing with an additional test lubricant.

Upon conclusion of the tests, a comprehensive report will be issued in

which the analysis and data will be correlated to form anti-whirl bearing

design criteria.

C. TEST RIG DESIGN

i. Design Requirements

In establishing the design concept, the following requirements

have been considered:

a. The bearings and shafts of the test rig should closely

resemble the geometry of such elements in typical space

power units.



b. In order to determine the effects of bearing clearance,

bearing length/diameter ratio, and bearing geometry on

the performance of dynamically loaded bearings, a large

variety of bearing-shaft combinations must be evaluated.

c. The inherently small clearances of bearings lubricated

with low viscosity fluids demand precision manufacturing

methods for all vital parts, especially if interchangeability

of bearings is provided.

d. The high rotational speeds of the test rotor require careful

dynamic balancing in order to minimize the residual

rotating load.

e. Although the tests are conducted at or near room temperature,

the test rig material choice must minimize thermal expansion

problems,

f. One of the important objectives of the experimental investi-

gation is the study of shaft motion in dynamically loaded

bearings in a zero g environment. It is, therefore,

desirable to eliminate any restriction on shaft motion due

to a thrust bearing or drive coupling.

g. Provision must be made for the reliable measurement of shaft

locus, bearing torque, and shaft speed.

h. Both unidirectional and rotating loads must be accurately

imposed on the bearings.

2. The Test Rig

A schematic of the originally proposed test rig is shown in

Figure 1. The principle parts of the test rig are:
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a, The test device.

b. High speed precision spindle with flexible quill shaft

connection to the test rotor.

c. High speed two pole induction motor with a water cooled

stator. Speed of the motor is controlled by variable

frequency power supply.

The entire apparatus is hermetically sealed and can be tilted

from the vertical to horizontal position with intermediate stops.

The drive arrangement must not influence the test conditions

by introducing restraint on the rotor. A long, flexible quill shaft has

been chosen as the drive connection to avoid these difficulties, as well

as to eliminate a thrust bearing. The test rotor is free to adopt any

mode of motion. The quill shaft is guided at close intervals in the

hollow spindle shaft by Teflon bushings. The torque measurement of the

bearing test rig is based on the angular deflection of the flexible quill

shaft. This method requires no electrical connections to the rotating

parts, nor does it complicate the bearing supports. A disk with 18 teeth

is attached to the high speed precision spindle and is used to generate

18 pulses/revolution. A squaring amplifier shapes the pulse from the

magnetic pick-up. Another pulse is generated by the other disk attached

to the bearing test rotor. The series of pulses is fed into appropriate

electronic equipment, which produces a DC voltage which is proportional to

the torque. Between 3" and 20" torsional deflection of the quill shaft,
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the torque meter records accurately the total friction and windage losses

of the test rotor. The windage torque is relatively small compared to

the bearing losses, (see Figures 10 and 11). Determination of test rotor

speed is accomplished by using the 18 pulses per revolution from the

serrated disk attached to the test rotor.

The occurrence of conical whirl at a speed lower than the threshold

of translatory whirl is a function of the span length, the polar moment

of inertia, the transverse moment of inertia, the rotor mass, and the

bearing stiffness. Four basic variations of rotor mass and moment of

inertia can be investigated with the 12.5 inch span test rig.

a. The plain shaft.

b. The shaft with one large flywheel.

c. The shaft with two small flywheels.

d. The shaft with two eccenters.

By exchanging the tubular casing of the test rig, the span length

can be varied from 12.5 to 7.5 inches and three more variations of m, Ip

and IT are possible.

Unidirectional bearing loads are produced by two pneumatically-

loaded partial arc (1200) bearings installed in the tubular test rig casing.

The test rotors can be loaded slowly, step wise, or abruptly up to 400 lbs.

total maximum load.
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Rotating loads are achieved by two pairs of variable eccenters.

By moving the eccentric disk of the variable eccenter counter to each

other, the rotational loads can be varied as a function of shaft speed

from zero to 1000 lbs. (see Figure 2). Angular gradients provided on

shaft and eccenter disks allow the selection of the direction of the

resultant eccenter forces with respect to the rotor.

With an eccentricity of 0.2 inch, the rotational load of one

eccenter set easily exceeds 1000 lbs at 35,000 rpm, but can also easily

decrease down to zero pound by shifting the eccenter halfs against each

other. During bearing evaluations at high speeds, the maximum eccenter

loads are not required, because the bearings load capacity is too small.

At lower speeds, however, where the percentage of the rotating loads due

to synchronoun rotor whirl and residual unbalance is small compared to

bearing strength, maximum eccenter loads are necessary to obtain bearing

eccentricity ratios > 0.-. In Figure 3, load capacity at various eccentricities

of a cylindrical bearing 'L/D = 1.5) for two diameters, d = 1.25 inch

and d = 1.5 inch, can be compared with the maximum rotating centrifugal

loads obtainable with various unbalances.
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III. STATUS OF INVESTIGATION

A, BEARING ANALYSIS

In the plan of investigation discussed earlier, four major areas of

analytical investigation were outlined for selection of the nine preliminary

test bearings. In each of these areas and for each bearing configuration,

two items are of particular importance: (1) the position of the shaft

center relative to a given load vector; and (2) the change in shaft

center position for a given change in load, i.e. the film stiffness.

For bearings which are gravity loaded, the load assumes a fixed

position relative to the bearing geometry. For the bearings under study

in this program, however, the load vector position is completely arbitrary

with respect to the bearing geometry. As a consequence, except for the

few bearings possessing complete symmetry, the response of a typical

non-symmetrical bearing depends upon both the magnitude and position of

the load vector. A basic step in the analytical investigation, therefore

consists of determining the equilibrium shaft center position and the

lubricant film stiffness for arbitrary position of the load vector.

Shaft displacement and radial fluid force vectors are not usually

colinear. In the case of an infinitely long, full cylindrical bearing,

for example, shaft displacement and load vectors are 900 apart in space.

The component of the force gradient in line with the shaft center position,

i.e., the radial film stiffness, is zero. No restoring force exists and
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and the shaft is therefore inherently unstable It is essential, therefore,

to determine the angle between the load and shaft displacement vectors in

order to determine the stiffness. The film stiffness at zero load is

especially important since it typically represents the lower limit.

Seven bearing configurations have been studied during this first

quarterly reporting period with the objective of evaluating film stiffness

and load carrying capacity. These include:

a. Cylindrical bearing with two axial grooves.

b. Preloaded cylindrical bearing (nut cracker)

c. Three lobe bearing.

d. Compound cylindrical.

e. Orthogonally displaced elliptical bearing.

f. Pivoted pad bearing.

g. Rayleigh step !journal) bearing.

Details of the analysis and results are discussed in a subsequent

section, "Technical Discussion". Generally, however, the analysis uses

existing computer solutions which properly applied or combined yield a

sulution for the particular bearing configurations under study. The

compound cylindrical bearing, for example, is studied as the superimposed

effects of three individual, adjacent cylindrical bearings. The shaft has

a different eccentricity with respect to each bearing segment. For a
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given position of the shaft in the compound bearing, each of the

individual segment eccentricities can be calculated. Using the computer

solution results of Reference 1, the individual load capacities of each

bearing segment is determined. The results are combined vectorially to

yield the dimensionless load capacity and angle to the line of centers.

An IBM 650 computer program has been written to perform the detailed

calculations and has been verified by hand calculations for two

cases. Equations have been developed and a computer program written

for the Rayleigh step (journal) bearing.

B. DESIGN IMPROVEMENTS

Basically the test rig design, as proposed, has not been changed.

However, in the three month design period several complete layouts of

the test rig have been prepared for test shaft diameters of 1; 1.25 and

1.5 inch. During these studies, several improvements of the test rig

components were made. In Figure 4 the latest layout of the test rig

designed for a test shaft diameter D = 1.25 0 inch is shown. The

improvements made are as follows:

I. The overhung electrical motor of the drive spindle has been

replaced by a drive spindle with a mid-span arrangement of the E-Motor

between the bearings. The continuous power output was increased from

10 HP to 15 HP and the Class A motor insulation was changed to Class B

for higher operating temperature capability.

2, The instrumentation section which connects the drive spindle

housing with the test section has been completely redesigned for maximum
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rigidity, good accessibility for alignment of the torque instrumentation

gear, attachment of quill shaft to test shaft, and ability to set

selected rotating unbalances.

3. Also the ridigity of the bearing housing has been increased.

The capacitance gauges have been directly installed in the bearing housing,

obtaining thereby, a vibration insensitive mounting which also minimizes

read-out errors due to differential theimal expansion. All various

bearing configurations can be installed in the same bearing housing,

including the flexibly mounted bearings.

Parasitic torques will be generated if the lubricant on its

path to the sump contacts the small flywheels on the overhung shaft.

Lubricant deflectors have been provided to prevent this contact. A guard

ring installed in the lubricant collector, which is inserted into the

bearing housing, minimizes damage in case of high speed quill shaft

rupture.

The bearing housing flanges have been extended above the support

flanges. In this way it is possible to bolt the bearing housing directly

to rigid supports and to attach additional masses if required.

4. For vertical position testing of shafts with large flywheels,

a lubricant deflector has been installed in the bearing housing support

below the upper partial bearing. This deflector has a function similar

to that in Item 3 above.
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5. The end cover has been provided with a lubricant sump. Also

a shaft stop has been included which minimizes damage of test shafts in

case of quill shaft rupture at high speeds.

6. For safety reasons, a snubber has been installed between the

bearings. This device prohibits excessive deflection when the test

shafts are driven through their natural frequencies.

7. Proper mounting and adjusting of the capacitance gauges can

be obtained entirely from outside of the test rig. The design of the

air passages surrounding the gauges as shown in Figure 4 provides maximum

protection against moisture which tends to intrude in between the measuring

areas. This moisture would disturb the capacitance gauge output signals.
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IV, TECHNICAL DISCUSSION

A. BEARING INSTABILITIES

Problems in dynamic operation of bearings can arise from three

different sources: :1) half frequency whirl, (2) synchronous whirl,

3) resonant whip. Since even the technical literature does not always

distinguish between these phenonena, a review of their causes and effects

is desirable.

1. Half-Frequency Whirl

This is an instability of the fluid film of the bearing.

It is characterized by a whirl of the journal centers at a speed of

approximately half the shaft rotational speed. It is shown in the

literature (Reference 7, for example), that the dynamical equations of

motion for a rotating shaft can be satisfied either by a stationary shaft

center or by a shaft center-whirling at one-half shaft speed. Poritsky,

(Reference 8) derives a criterion for evaluating the onset of instability,

i.e., half frequency whirl. Bocker and Sternlicht (Reference 6) modified

Poritsky's theory to apply to finite bearings. It was pointed out that

the threshold of instability depends upon the radial component of the

hydrodynamic fluid force, i.e. the film stiffness. Under certain conditions,

such an instability may occur even at very low speeds. Good agreement was

reached between theory and experiment for the case of translatory whirl

in a vertical, stiff-shaft machine in which the bearings possessed a high

degree of symmetry.
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2. Synchronous Whirl

This is a forced vibration of the journal which is caused by

a rotating load such as an unbalance Its frequency is equal to the

rotational speed of the shaft. Its magnitude depends upon the amount

of unbalance, the shaft mass and deflection characteristics, lubricant

film stiffness and damping. Its effect upon bearing force transmission

has been studied and reported in Reference 9 and 10.

3 Resonant Whip

In some instances, a shaft instability occurs which has a

frequency corresponding to the first system critical, even though the

shaft is rotating at a substantially different speed. In Reference 8,

Poritsky's analysis showed that such an instability would occur only at

speeds exceeding twice the first system critical speed.

In both synchronous whirl and half-frequency whirl, the stiffness

of the bearing configurations is an important parameter. In Reference 6),

for exitmple, the radial stiffness of two test bearings was calculated and

measured experimentally. The results were than applied to predict the

onset of half-frequency whirl in the translatory mode, i.e. in which the

shaft axis translates so as to form a right cylinder. Theory and

experiments agreed within 3.7% when using a graphically derived film

spring constant.

It must be noted that this good agreement occurred with bearings

which fulfilled a basic assumption in the analysis, i.e. of a high degree
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of symmetry. In the present study, however, this degree of symmetry

does not always exist, In a two axial groove bearing, for example, the

stiffness will depend upon the position of the load vector. As the

load moves into the axial feeding slots, the stiffness approaches zero.

The effect of this variation is not presently known. One purpose of the

experimental investigation in Phase I of the subject program is to

correlate such analytical information with the behavior of the bearings

under test.

B. ANALYSIS OF CONFIGURATIONS

As stated earlier, the analysis of the bearing configurations uses

existing computer solutions which must be properly combined and applied

to given solutions for many of the non-symmetrical complex geometries

analyzed. The basic existing cosp,'r solutions do not always cover a

complete range of bearing length/diameter ratios. Calculations for the

configurations proposed in this program have been carried out so far with

the data presently avaialble on length/diameter ratios. The cyclical

variation of film stiffness can be expected to differ in magnitude, but

not essentially in form for similar bearings with different length/diameter

ratios. For the preliminary selection of bearings in Phase I, a complete

analysis of film stiffness with variation of all possible parameters does

not presently appear justified. Film stiffness itself is only one of the

possible parameters affecting stability for the non-symmetrical bearings

studied.

-17-



Zero load radial stiffness and load carrying capacity at a minimum

film thickness of .0005 inches, (which was considered to be a minimum

practical working value from the standpoint of tolerances, distortions,

dirt, etc.) have been calculated for several of the bearing types under

consideration. The dimensionless parameters used to express these two

quantities are:

Load capacity parameter W )

( w )
Stiffness parameter D

where a typical set of units would be:

D = inch

K = lb/inch

N = rev/sec

W = lb

4 = lb. sec/in
2

1. Two Groove Cylindrical Bearing

This was calculated by compounding two partial arc bearings each

having an arc of 1500, the basic data being obtained from Reference 1. The

maximum stiffness and the load capacity are shown, these falling to zero

as the loading vector departs from the central position.

Load capacity at .0005 inch minimum film thickness: (Maximum values)

fW/D 2 4N) x 10- 6
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L/D .5 1.0 1.5

C/D .0016 .217 1.26 3.0

.0028 .263 1.25 2.33

.0040 .260 1.12 1.87

Radial stiffness ( -+*0) Maximum values)

S(K/D N) x 10
- 1

L/D .5 1.0 1.5

C/D .0016 .0222 .126 .355

.0028 .00414 .0235 .0663

.0040 .00142 .00806 .0227

2. Preloaded Cylindrical Bearing (Nut Cracker)

The low values of radial stiffness in a plain or grooved

cylindrical bearing are due to the relatively high value o± the Sommerfeld

number at low eccentricity as well as the high attitude angle between the

applied load and the resulting shaft displacement (Approaches 90 degrees).

Both of these effects are improved if the eccentricity is increased by

preloading. The increased stiffness is obtained at the expense of load

carrying capacity by an amount equal to the preload. The preloading also

fills in the "holes" of stiffness as a function of load direction to a

large extent; maximum and mininim values of stiffness are shown in the

table. The amount of preloading is, of course, a controllable variable,
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and the amount of preloading used in this example is sufficient to

produce an initial eccentricity of 0.5 in the two groove cylindrical

bearing of 1. No value of load capacity is listed at the lowest

clearance ratio because the minimum film thickness of .0005 inch is

exceeded by the preloading alone.

Load capacity at .0005 inch minimum film thickness:

(W/D2 pN) x 10-

L/D 05 1.0 1.5

C/D .0016 -

.0028 .641

.0040 .818

Radial Stiffness 0)

[ K/D 4N) min/ (K/DpN) max] x 10-10

L/D .5 1.0 1.5

C/D .0016 .127/,538

.0028 .0237/.100

.0040 .00812/.0344

Although an L/D of unity was the only value computed, other

values would compare similarly to the two groove cylindrical bearing. In

general, the stiffness increase and the load capacity at minimum film

thickness decreases as more preloading is applied.
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3, Three Lobe Bearing

The "nut cracker' bearing described above achieved preloading by

the actual application of a force from an auxiliary opposed bearing

Preloading may also be achieved by offsetting opposing sides of a single

bearing. The first method can be thought of as force preloading, and the

second method as displacement preloading. The three lobe bearing is of

the latter type and consists essentially of three eccentric lobes, the

center of each lobe displaced an equal distanceY called the ellipticity,

from the center of the bearing, thereby producing in most cases, three

active hydrodynamic wedges. The bearing shown here has three symmetrical

lobes of 100 degrees of arc with an ellipticity equal to one half of the

lobe clearance. The stiffness is almost independent of the direction of

the loading vector in contrast to the above two types. Load capacity is

not listed for the smallest eccentricity as the minimum allowable film

thickness is already exceeded at zero load. The source from which this

data wai computed is Reference 2.

Load capacity at .0005 inch minimum film thickness:

'W/D2 pN) x 10-'6

L/D .5 1.0 1.5

C/D .0016 -

.0028 .0903

.0040 .115

-21-



Radial Stiffness (E -+ 0)

(K/D 4N) x 10- 10

L/D .5 1.0 1.5

C/D .0016 .113

.0028 .0221

.0040 .00725

4. Orthongonally Displaced Elliptical Bearing

This configuration is a two lobe version of the above bearing,

each lobe having not only an elliptical displacement, but also a displacement

normal to the ellipticity. A bearing having an L/D ratio of 1/2 with an

ellipticity and displacement equal to 0.5 times the lobe clearance is

analyzed in Reference 3. Maximum zero eccentricity radial stiffness is

approximately 45 times the value of the two groove bearing, but similar

to the two groove bearing, the stiffness is positive for only two sectors

of load direction, each about 750 wide. Load capacity is less than for a

two groove bearing of the same lobe clearance ratio due to the built in

eccentricity. The exact effects of the "holes" in the stiffness versus

load direction on the shaft stability is unknown, so due to the constructional

simplicity of this configuration this design will merit testing.
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5 Pivoted Pad Bearing

A four pad pivoted pad bearing was analyzed using the methods

and data of Reference 4 which, based on experimental evidence) assumes

an attitude angle of zero,

Load capacity at .0005 inches minimum film thickness,

['W/D 2 pN) max/rW/D 2  N) min] x 10 - 8

L/D ,5 1.0 1.5

C/D .0016 .0449/.0650

.0028 .124/.1765

.0040 .137/.1895

Radial Stiffness T -* 0)

'K/D 4N) x 10 10

L/D .5 1,0 1.5

C/D .0016 0.058

.0028 0.0108

.0040 0.0037

Although the load capacity is a function of load dire,..tion,

the zero eccentricity stiffness is quite independent of direction.
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6. Compound Cylindrical Bearing

This bearing is a variation of the three lobe bearing,

Although simpler to manufacture than the three lobe design, it is probably

heavier and has a greater overall length for a given load capacity. The

stiffnesses are as follows:

(K/D 4N) x 10-10

(L/D)Lobe .5 1.0 1.5

C/D .0016 .352

.0028 .0656

.0040 .0225

The L/D ratio listed above is for a single element of the

bearing, the overall length being three times this value. Load capacity

is presehtly being calculated.

7. Rayleigh Step Bearing

This design has been analyzed and programmed for an IBM 650

computer, but as yet only preliminary results are available. A very low

attitude angle is indicated by these results, and computations are being

continued.

-24-



C. MECHANICAL DESIGN OF TEST RIG COMPONENTS

1. Selection of Bearing Clearances

It is desirable in the tests to duplicate as many of the variables

as possible that would influence the performance of hydrodynamic liquid

metal lubricated bearings in space power plants. Bearing performance

strongly depends on clearances, as well as such variables as bearing

configurations, diameter and length, rotor mass and rotor inertia moments,

lubricant supply pressure, etc.

Distilled water which will be mainly used as bearing lubricant

during the experimental evaluation has slightly different viscous properties

than liquid potassium or sodium. Considering the Sommerfeld and Taylor

numbers,

= iN D2
_2 , /

Sommerfeld No. = - P Taylor No. = 21( C3 R) 1/ 2

which characterize bearing performance and turbulence, it is possible to

nearly match the two characteristic numbers by a corresponding large

proportional difference between the bearing clearances used in the test

and those used in the applications. In Figure 5, the Sommerfeld and

Taylor numbers are compared. The applicable fluids are liquid potassium,

as well as liquid sodium in the temperature range 6000 to 12000 F, while

the test fluid is distilled water in the temperature range 1000 to 1700 F.

The comparisons are made for speeds of 18,000, 24,000, and 36,000 rpm.

Bearing clearance ratios for sodium or potassium lubricated hydrodynamic

C
bearings usually are in the range from R = 0.001 to 0.0025 inch per
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inch. Using the Sommerfeld and Taylor number as criteria, the clearance

ratios for water lubricated bearings range then from 0.0016 to 0.004 inch

per inch. For convenience of presentation, a load of 25 psi was used for

the water lubricated bearings having a clearance ratio of 0.0016 inch

per inch. However, since the load will be equal in both applications

and tests, its magnitude will not effect the comparisons.

As Figure 5 shows, the range of both characteristic numbers are

quite closely matched between application and test. In almost all

cases, the characteristic numbers of water lubricated bearings are between

those of potassium and sodium lubricated bearings. The deviations between

the different characteristic numbers decrease with large bearing clearance

ratios and increase at higher speeds. The three selected test bearing

clearance ratios are:

For Water, C/R = 0.0016 0.0028 0.004,

These ratios closely resemble the following clearance ratios for liquid

potassium or sodium lubricated bearings:

C/R = 0.001 0.00175 0.0025.

2. Power Requirements of Test Rig

The power limitation of the test rig drive motor requires the

investigation of maximum torque and power losses which occur in the test

rig. At this stage, an exhaustive and accurate calculation of bearing
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losses is not yet possible, because not all test bearing configurations

have yet been selected, However a fairly accurate estimation of the

highest and also the lowest (required for the selection of the quill

shafts) power requirements of the test rig can be made. It can then be

expected that most bearing tests will fall between these two extreme

limits.

Approximately the highest power loss will occur when:

Hmax  - 2 x test bearing loss (L/D = 1.5; C/R = 0.0016,

Bearing LoadBearing = 200 lb).

+ 2 x Loader Bearing Loss L/D = 1.5; C/R = 0.0016;

Bearing Load
Beaing200 lb).

Beaning

+ Spindle Windage Losses (Heavy rotor, distance

between bearing centers c = 12.5 inch)

+ (2 x motor bearing loss + motor rotor windage loss].

Minimum power losses can be expected when:

Hain = 2 x Test Bearing Loss (L/D = 0.75; C/R = 0.004).

+ Spindle windage losses, distance between test

bearing center = 7.5 inches).

+ [2 x Motor Bearing Loss + Motor Rotor Windage Loss].
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The losses due to the motor bearings and rotor windage have been

enclosed in brackets since these losses do not effect the torque which

has to be transmitted through the quill shaft.

The Petrow equation has been used to calculate the hydrodynamic

bearing power losses. However, since the bearings are lubricated with

distilled water and operate at speeds up to 35,000 rpm, it can be

expected that the load supporting lubricant film becomes turbulent above

a certain speed. According to Taylor (Reference 12) speed and bearing

clearance effects the transition from laminar to turbulent lubricant film

operation. Figure 6 indicates the transition speed for the unloaded test

bearings as a function of bearing clearance ratio and water viscosity. As

an indication how close water lubricated bearings can match the character..

istics of liquid potassium lubricated bearings, the transition speed of

these bearings are also plotted in the same Figure.

As experiments Reference 13 and 14) have indicated, hydrodynamic

bearing losses increase considerably when the lubricant film becomes

turbulent. Though accurate power loss calculations for bearings which

operate in the turbulent region cannot yet be obtained due to insufficient

experimental and analytical data, the presently best available information

(Reference 15 and 16) has been employed to determine the power losses

of the cylindrical and partial bearings of the test rig. As indicated

before, the bearing losses have been determined on the basis of laminar

lubricant flow and have been corrected by a power factor, Kp, in order

to obtain the losses occurring due to operation in the turbulent region.
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Basically the power coefficient is a function of the bearing Reynolds

number which is defined as:

Re =21 R N . C

V

In any loaded bearing, however, the viscosity and the clearance

vary along the lubricant layer and the transition from laminar to turbulent

film flow usually does not occur immediately at the critical Reynolds

number Re* 41.1

As a first approximation for water lubricated bearings, it has

been assumed that the viscosity remains constant so that the critical

Reynolds number of a loaded bearing occurs at:

ho

Re - 2 Re
m c C

where:

h 0 n 2

7 2
2+N

In this case, Rem  decreases with n.

For the laminar region, the bearing losses are:

H ~ 2n 3 3 N2 D
3 L

CD

For the turbulent region:
3 2  3

H =K H =K 2n ND L
T p L p CD
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Figure 7 shows the power factor Kp as a function of the

bearing Reynolds number,

The correlations of Reference 11 have been used to determine

bearing spindle and motor rotor windage losses.

For the test rig having a 1.25" bearing diameter, Figure 8

indicates the maxima and minima power requirements which have to be

transmitted by the quill shaft. (Motor rotor windage and motor bearing

losses have not been included.)

Detailed power loss calculations for a range of bearing diameters

(D - 1' to 2") have been obtained for N -= 35,000 and 30,000 rpm. This

work became necessary during the investigation of the dynamic characteristics

of various test shaft configurations, see Section 4 ). In Figure 9,

cylindrical and partial bearing losses are plotted versus bearing diameters.

Both bearings support a 200 lb unidirectional load. As the curves indicate,

the power losses increase with larger diameters at a considerably higher

rate during turbulent operation as compared to laminar operation. In the

laminar region, the losses should rise as a function of (D/D)3 for

constant (C/R) ratio and viscosity.

The assumption that the viscosity of the lubricant fluid remains

constant tends to yield rather conservative bearing power losses. It

should, however, be realized that with decreasing viscosity the intensity

of turbulence in the lubricant film tends to increase. This can offset

the effect of lower viscosity.
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Figures 10 and 11 show a detailed breakdown of losses as they

occur in the different components of the test rig. Bearing spindle

windage is calculated for the heavy test rotor and the bearing t to

distance of 12.5 inch. The losses occurring the the grease packed ball

bearings of the rotor spindle are based on conservative estimates

3. Quill Shaft Design

Figure 8 indicates the range of power "from 0.1 to 7.5 HP) which

is required to drive the various 1.25 in. test shaft configurations at

speeds ranging from 3500 to 35,000 rpm. Quill shafts are employed to

mechanically transmit the resulting torque from the motor spindle to the

test bearing shaft. Several limitations are imposed upon the quill shaft.

a. Quill shaft should not impair free movement of test shaft.

This favors the selection of a very flexible small diameter

shaft.

b. Angular deflection of quill shaft has to be larger than

30, but should not exceed 200. A deviation from these

limits impairs accurate torque measurement.

c. The combined stresses occurring in the quill shaft should

be kept as low as possible in order to minimize the danger

of quill shaft rupture.

Figure 12 indicates the angular deflection of various sized quill

shafts for the torque range corresponding to the power required to drive

the various test shaft configurations, (see Figure 13). As the results

indicate, at least four different sized quill shafts are required, if bearing
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investigations are to be extended into the low speed region; two

different sized quill shafts should be sufficient to test in the high

speed region.

The largest quill shaft which the test rig can accommodate has

a 0.1875 inch diameter. Figure 12 also indicates the 40,000 psi combined

stress level which will occur first in the larger diameter quill shafts.

This stress level has tentatively been chosen as an upper allowable stress

limit. The stress calculations included stress due to tension, angular

twist and bending due to misalignment between spindle and test shafts.

The maximum alignment amounts to a radial run-out of 0.0025 inch, which in

turn corresponds to an eccentricity n = 1 of a bearing having a clearance

ratio C/R = 0.004 inch/inch. Figure 14 shows the combined quill shaft

stress as a function of quill shaft diameter. In Figures 15 and 16 the

combined stress of a misaligned and an aligned quill shaft have been

compared as a function of angular deflection. The stress calculations

support the expectation that, for the same angular deflection, the stresses

increase rapidly with increasing shaft diameter.

4. Natural Frequency of the Shaft-Bearing System

In the proposed analytical and test programs, it is desirable to

treat the shaft as a rigid body. This means that the stiffness of the shaft

should be much greater than that of the selected bearing configurations.

Due to the problems associated with measurements and analysis of the shaft-

bearing dynamics induced by the lubricant, the shaft natural frequencies
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should occur, if possible, above the speed range of interest. Since

critical shaft speeds depend strongly on length and diameter of the

shaft and upon the distribution and magnitude of the rotating masses which

are attached to the shaft, a detailed study has been carried out to

investigate their effects. Table 1 shows the results of calculations which

have been carried out for various test shaft configurations using an

existing IBM 7090 program.

As the table indicates, the bearing film stiffness which has to

be assumed for the computer program has a considerable effect on the

natural shaft frequencies. Compared to the simply supported flexible

shafts, the critical speeds of shaft configurations which included the

effect of bearing film stiffness were progressively lower with decreasing

film stiffness. Also, with increasing shaft diameter or with increased

mass, the decreasing effect of film stiffness becomes more pronounced.

Figure 17 gives the explanation why this is so. Here the critical speed

for an infinite rigid shaft supported on springs is compared to simply

supported flexible and spring supported flexible shafts. While the

critical speed of the simply supported flexible shafts increases with larger

diameters, the natural frequency of the flexibly supported rigid shafts

decreases. Actually, a combination of both supports occurs in reality for

high speed shafts supported by hydrodynamic bearings. As Figure 17 indicates,

due to the conflicting trend of the two previously discussed types of

supports, the critical speed of a spring supported flexible shaft increases

at a much lower rate compared to that of a simple supported flexible shaft

with increasing diameter. An exact analytical determination of the actual
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bearing film stiffness present at the outset of the natural shaft

frequency is impossible due to many uncontrollable variables. Realistic

film stiffnesses as they might occur in water or liquid metal-lubricated,

lightly-loaded, hydrodynamic bearings should range between 1 x 105 and

5 x 105 lb/inch.

On this basis, as shown in Table I and Figure 17, the test

shaft diameter has to exceed at least 1.5 inch in order that the first

rotor critical speed occurs above 35,000 rpm. Due to the power limitation

of the electrical motor drive (15 HP at 36,000 rpm), the effects of an

increase in shaft diameter require careful examination, As already

discussed in Chapter 2 , with increasing diameter, power losses in the

bearings rapidly approach the drive motor power limit. Furthermore, a

certain amount of driving power has to be reserved for acceleration;

Figure 19 indicates the amount of driving power required to accelerate

the rotating test rig components from 30,000 to 35,000 rpm.

The first critical shaft speed can be raised above 35,000 rpm,

by increasing the diameter of the shaft section between the bearings.

However, this approach has not been used because it requires disassembly

of the bearing test rig when changing the test shaft configuration. This

impairs accurate realignment of the bearings. As Figure 18 shows a slight

increase of the natural shaft frequency can be obtained with hollow shafts;

however, the small improvement is easily offset by manufacture and balancing

problems. Every care has been taken to minimize the necessary shaft

overhang and the weight of the eccenters which are used to generate rotational

loads.
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Figure 18. Ratio Natural Frequency of Solid Shaft vs. Diameter Rtio.

The results of all the investigations done so far have been

reported to the NASA project engineer. The NASA administration selected

a 1.25 inch diameter shaft.
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D. EXPERIMENTAL INVESTIGATION OF CAPACITANCE GAUGES

Capacitance proximity gauges are proposed as the basic shaft

displacement sensing element. GEL experience with such gauges has been

satisfactory when they have been used with instrumentation specifically

modified to minimize drift. A potential problem with capacitance gauges

exists, however, if water or water exists in the clearance space between

the gauge head and the surface whose displacement is being measured. To

eliminate this problem, it was postulated that the gauge head could be

surrounded by a flow of air or dry gas blowing away any detrimental water

vapor. An experimental capacitance gauge using this principle has been

tested. It was found to retain its calibration and ability to keep the

measuring area on a rotating spindle free from water.

1. Calibration With and Without Air Flow

In the experiment, such a capacitance gauge was calibrated for a

full scale deflection with 0.005 inch displacement. Instrument reading

versus change in displacement was measured both with zero air flow and

with air at 15 psi. Calibration was virtually unaffected by air flow as

shown in the tabulation below!

CAPACITANCE BRIDGE BALANCED AT 10 MILS CALIBRATION ON SENSITIVITY 3

Micrometer Mils Volts Volts Volts
Reference Displacement (No Air) 15 psi 1/2 Hr. 15 psi 1 Hr.

3 0 5.88 5.86 5.86

4 1 4.16 4.12 4.12

5 2 2.96 2.92 2.92

6 3 2.09 2.06 2.07

7 4 1.41 1.37 1.39

8 5 .89 .87 ..87
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2. Air Flow Protection Against Moisture

Tests were also made to check the ability of the air flow to

keep the measuring areas free from moisture. In these tests, the

capacitance gauge was mounted with the sensing element horizontal and

facing a spindle with negligible run-out. A glass funnel with a stop

cock was mounted directly above the measuring area. Tests were conducted

at various air pressures with water dropping on the rotating spindle

:8000 rpm) just ahead of the capacitance gauges. Fluctuations in the

gauge output were observed on an oscilloscope. It was found that an air

pressure of 15 psi and a flow of 1.7 cfm was sufficient to keep the

measuring area free from moisture and the gauge output signal clear.
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V. NOMENCLATURE

C = Clearance [inch]

D = Diameter [inch]

H = Power Loss [HP]

Kp Power Coefficient

L = Bearing Length [inch]

N - Speed [RPM]

R - Bearing Radius [inch]

Re Reynolds Number defined by the inlet viscosity

j - Bearing Loss Factor

= Inlet Viscosity

V = Kinematic Inlet Viscosity

Subscripts:

D = Diametral

L = Laminar

R = Radial

T = Turbulent
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